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出國報告名稱：           研習「渦輪機械之分析模擬技術」
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出國類別：□1考察□2進修□3研究█4實習□5其他

出國期間：  93/6/23~93/7/4         出國地區：美國
報告日期：  93/8/30
分類號/目：

關鍵詞：

內容摘要：（二百至三百字）

此次出國研習十二日，針對本所力學領域刻正推動中之「汽機轉子動態應力及構材壽命之評估與監測」與「虛擬汽機轉子軸承系統之程式開發與實測驗證」兩個研究計畫，不論對現行作法之改進或未來更進一步之工作規劃，均感收穫豐碩。特別要感謝「結構完好性評鑑公司」郭安宇博士及「前鋒工程科技公司」傅忠申博士的安排、討論與提供資料。

經與「結構完好性評鑑公司」經驗交流，將研討結果寫成「汽機轉子動態應力及構材壽命之評估與監測」之工作內容規劃書如第三章所示，可為下一階段之執行依據。
本所力學領域刻正推動「虛擬汽機轉子軸承系統之程式開發與實測驗證」研究計畫，此次出國訪問前鋒工程科技公司，曾就迴轉機振動之模擬技術深入溝通研討，對本力學領域之未來發展很有幫助。下一期之虛擬轉子案程式功能分三階段發展，其工作內容規劃草案如第四章所示。
研習其汽機熱應力、及破裂力學評估技術，頗有心得，尤其針對火力電廠高、中壓轉子在起動、降載過程中之低週次疲勞計算法及長時間高溫運轉之潛變量及應力鬆弛量評估法之先進技術；未來可將現有汽機評估範圍予以擴大，以涵蓋熱應力之暫態變化及預估高溫潛變量，提昇本所之力學層面隊電廠之技術服務能力。

共同探討虛擬實境之轉子動力學模擬技術及如何與量測信號處理技術結合。此等技術，對核二廠已更換之新汽機轉子(由SIEMENS得標)之驗收及後續大修試驗可提供迅速有效之服務。
關鍵字：汽機轉子軸承系統、轉子壽命評估、迴轉機振動
Keywords: Steam Turbine Rotor Bearing System, Rotor Life Evaluation, Rotating Machinery Vibration

本文電子檔已傳至出國報告資訊網（http：//report.gsn.gov.tw）
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壹、出國任務、目的及及依據

1.1 出國任務：  

實習「渦輪機械之分析模擬技術」

1.2 出國目的說明（包括目標、緣起、實施要領及要求成果）：

[1] 赴美國主要電力設備結構評估公司Structural Integrity Associates, Inc研習其汽機熱應力、及破裂力學評估技術，尤其針對火力電廠高、中壓轉子在起動、降載過程中之低週次疲勞計算法及長時間高溫運轉之潛變量及應力鬆弛量評估法之先進技術；返國後可將現有汽機評估範圍予以擴大，以涵蓋熱應力之暫態變化及預估高溫潛變量，提昇本所之力學層面隊電廠之技術服務能力。

[2] 赴合作單位International Engineering Frontiers, Inc.共同探討虛擬實境之轉子動力學模擬技術及如何與量測信號處理技術結合。此等技術，對核二廠已更換之新汽機轉子(由SIEMENS得標)之驗收及後續大修試驗可提供迅速有效之服務。

1.3  出國依據：

出國計畫主辦機關名稱：台灣電力公司

出國人姓名/職稱/服務單位：蒯光陸/機械工程師/台灣電力公司[綜合研究所]

出國計畫編號：台灣電力公司93年度出國計畫第58號

選送人員出國核定書：中華民國93年6月21 日電人字第9306-0799號

出國類別：□1考察□2進修□3研究█4實習□5其他

出國期間：  93/6/23~93/7/4         出國地區：美國

出國報告名稱：研習「渦輪機械之分析模擬技術」

預算列帳單位、科目
列帳單位：綜合研究所


列帳科目：研究發展費用


所需旅費預算共計  新台幣 154,000 元

貳、實際行程概要

	中文姓名：蒯光陸
	姓名代號：683969
	出國計畫編號： 93 年度第 58 號

	起始日
	迄止日
	機構名稱
	國家城市
	

	930623
	930624
	
	
	往程（台北－舊金山）

	930625
	930628
	Structural Integrity Associates, Inc.
	San Jose, CA
USA
	研習汽機熱疲勞與潛變之力學評估技術

	930629
	930629
	
	
	行程 (舊金山－波士頓)

	930630
	930701
	International Engineering Frontiers, Inc.
	Glastonbury, CT 

USA
	研習迴轉機轉子軸承模擬技術

	930702
	930704
	
	
	返程（Glastonbury－波士頓－紐約－台北）


參、於「結構完好性評鑑公司」之研習概要



(公務內容之一)

3.1 為提升本所力學領域之「機械破壞鑑定」及「設備壽命評估」技術能力，並針對現正推動中之「汽機轉子壽命產品」研發過程中所遭遇之困難問題尋求解決之道，訪問「結構完好性評鑑(SIA)公司」收穫頗豐。

3.2綜合研究所將推動「汽機轉子動態應力及構材壽命之評估與監測」研究計畫，此研究計畫乃是本所近年為提升各型汽力發電機組設備可靠度及其營運績效所推動的重點研究計畫之一，其目的在研發新型評估檢測技術，以便能精確掌握汽輪發電機轉子之結構安全裕度及其殘留壽命。於「結構完好性評鑑公司」，就本計畫之規劃細節與可能遭遇之困難進行深入研討。

3.3 經與「結構完好性評鑑公司」經驗交流，將研討結果寫成「汽機轉子動態應力及構材壽命之評估與監測」之工作內容規劃如下：

a. 將EPRI程式SAFER/PERL，運用於本公司500MW及550M之汽輪發電機各選一機組，根據其實際幾何尺寸、材料性質與運轉歷史、熱工循環熱平衡、標準冷熱機組起停及緊急停機與無預警跳機之暫態歷程變化、…等資訊，進行該等機組從全新狀態運轉至今之結構壽命消耗率，再將此壽命評估之結果與該機組轉子軸孔與葉盤輪緣葉根槽之材料檢測評估壽命之結果相互比對驗證，並寫成完整報告。破裂力學方面，須依據實測之軸孔龜裂狀態（若實測無龜裂，則須依據學理或其他機組之統計資料研判，模擬假設其龜裂位置、方向及尺寸）進行龜裂成長預測、危險龜裂深度計算，以推測其耐受龜裂之殘餘壽命。

b. 強化汽輪發電機轉子構材性能在疲勞、潛變、脆化及破裂等四個層面之實用性研究及資料編整，以便為能精確評估轉子健康狀態及殘餘壽命建立堅實的理論基礎，並為下一階段於現場建立精確實用之線上監測與診斷系統作好準備（例如建立好疲勞潛變監測器所需之傳遞函數）。此部分之工作，可用SAFER/PERL為基礎，參考各汽機廠家及學術文獻，並配合各類SAFER/PERL程式說明書所附之案例及自編模擬案例來進行瞭解與(計算力學層面之)實驗驗證。

c. 強化汽輪發電機轉子在各類運轉歷程（如起停、跳機、二值運轉‧‧‧過程）中，其構材各部位溫度歷程變化、熱應力與機械應力變化等之計算預測能力及資料編整，並尋找出各階段之最大應力點位置所在，最後將各單一歷程（冷機起動、熱機起動、正常停機、緊急停機、跳機、二值運轉之大負載變動…等）中選出轉子上應力變化較大的十個以上之關鍵點位置、追蹤其應力及溫度變化並將其變化歷程繪圖表示出來，以作為其下游疲勞潛變與破裂力學計算之依據。同時為下階段於現場建立精確實用之線上應力監測系統預作準備。此部分之工作，可用SAFER/PERL為基礎，參考各汽機廠家及學術文獻，並配合各類SAFER/PERL案例及自編模擬案例來解說及驗證。

d. 須先對先前所作汽機轉子之熱應力變化歷程計算有深入且充分地了解，並須於SAFER/PERL之外，另建壹套獨立計算程序（可比照本所先前採用現成之商業化有限元素法套裝軟體，但須補強轉子材料熱應力及安全係數計算所需之材料性質，如楊氏模數、波松比、熱漲係數、降伏強度、密度、化學成分…等，此類性質會隨溫度不同而有差異）以便深入探討轉速、蒸汽溫度及流場、潤滑油溫度、應力集中效應、軸心挖孔效應及無心軸孔龜裂點…等設計參數及運轉條件之影響，此獨立於SAFER/PERL外之計算程序，應以自編之電腦程式(自編程式須提供完整Source Code 及程式編譯軟體如Fortran Compiler…)或搭配另一套有限元素法軟體，如IDEAS/ABAQUS…來進行，並應多建自編模擬案例進行理解及驗證。

e. 針對原SAFER/PERL MENUAL所列各種例題逐一驗證其功能，計畫第一次期中報告之前並應完成 eq \o\ac(○,1)冷機循環歷程SAFER/PERL重頭至尾算一遍，至結果滿意為止； eq \o\ac(○,2)本所先前分析500MW之熱應力及疲勞負荷，在相同條件下以SAFER/PERL計算熱應力及疲勞負荷，再比較兩者差異，作為本計畫建立一套獨立計算程序（有別於SAFER/PERL法）之改善依據（就本所先前所提方法予以改善，或重起爐灶）。台電500MW及550MW均可找到配備有ROTOR STRESS INDICATOR(RSI) 儀測設備之機組，請深入了解其設計原理(資料將由本所提供)，並將電廠實測之RSI應力值與其在相同狀態下本計畫之預測值互相比較，以作為本計畫後續發展ROTOR LIFE MONITOR之主要依據，另Fatigue/Creep Monitor之文獻資料亦請代為蒐集整理。
f. 訓練課程及技術泉源書（Technical Source Book）之建立
本案訓練以能使本所主辦人員於本計畫（Phase 1）完成時，能獨力順利操作”SAFER/ PERL及另套獨立之熱疲勞負荷計算程序”於實際評算汽力電廠汽輪發電機殘餘壽命為目的。計畫（Phase 1）訓練分原理教學及操作技巧兩部分，前者每月二人日，後者合計六日（可分梯次進行），請提前規劃合理運用訓練時間，細節由雙方協議定之。教材及計算法實驗性小模型提前規劃及準備 (相關之資料細目與其時程要求要求請受委託單位併同計畫書及報價單一起提出) 。技術泉源書（Source Book）方面，要求蒐集、整理並編印成冊，下述技術資料：
第一部分：Safer/Perl學理及用例（台電提供之四冊Menu及台大報告不須重覆提）：分熱傳與熱應力、疲勞與潛變、破裂預測及發展…等章節，各章節前請備簡介之以備檢索。Safer/Perl References中較重要之論之應儘量蒐集齊全。
第二部分：各汽機廠家壽評方法相關論文、報告之蒐集。
第三部分：熱傳係數、材料性質…等分析參數或係數之蒐集與核驗。
第四部分：RSI, Fatigue/creep Monitor, 遙傳監測…資料。

3.4 推動「汽機轉子壽命產品」之初期作法，研討結果獲共識如下： 

a. 深入探討SAFER/ PERL電腦程式中有關汽機轉子在各運轉歷程中之溫度、熱應力變化之預測功能，並予以充分驗證；除SAFER/ PERL之外，為能更精確預測汽機轉子之溫度、熱應力變化，須另建立一套獨立計算程序以輔助SAFER/PERL電腦程式之不足(即強化其中預測汽機轉子之溫度、熱應力等暫態變化之計算功能及辨識最大熱應力所在位置之能力)，其分析結果須與SAFER/PERL者相互比對驗證。上述獨立於SAFER/PERL外之計算程序，應以自編之電腦程式(自編程式須提供完整Source Code 及程式編譯軟體如Fortran Compiler…)或採用商業化軟體ABAQUS(此為本所採用之力學分析軟體)搭配IDEAS幾何處理平台來操作，或採用其他商業化軟體為計算工具，但須將之轉換至本所ABAQUS/ IDEAS體系直到能順利運作為止。計畫進行中須蒐集整理出本計畫所需完整可信之材料性質資訊、熱傳性質資訊…等，併入SAFER/PERL電腦程式及另一套獨立之熱疲勞負荷計算程序之中。

b. 深入探討汽機轉子在疲勞、潛變、脆化及破裂四層面之評估技術，並將SAFER/ PERL電腦程式中與此四層面評估技術相關之功能予以充分運用與驗證。

c. 為了下一階段於電廠設立汽機轉子壽命監測器(ROTOR LIFE MONITOR)之需求，於本合約執行期間須完成相關技術評估與設計，包括利用有限元素法建立好適當的傳遞函數(Transfer Functions)關係式、增加量測點之數量與位置之決定…等，並須開列出所需相關軟硬體設施之規格。

3.4 SAFER程式之使用限制及其優缺點： EPRI發展之SAFER Code不足以滿足本所發展ROTOR-LIFE-MONITOR之所需求。

a. SAFER程式為1980年代美國EPRI委託FAA(Failure Analysis Associates)公司所製作，利用FORTRAN語言編寫。SAFER程式之發展，因受當時電腦資訊環境限制，有節點數目限制，汽機轉子模型網格上限僅為3000個節點；如遇較複雜幾何外型之汽機轉子，3000個節點將無法適切網格化汽機轉子模型。此外，SAFER由於原始程式碼之演算定義，僅能分析進氣口於左端的汽機轉子案例，亦即蒸汽流向只能由左至右單向流動。若分析案例為中央進氣且左右流向之汽機轉子，則SAFER將無法同時計算此型轉子模型。就此先天限制，須採用其他商業有限元素計算軟體(ABAQUS及I-DEAS)為另外之計算平台。

b. SAFER程式在熱傳係數之邊界條件：分七類型，過於複雜以致於難以驗證其正確與否，但其學理依據值得參考可作為未來改善之基礎。

c. 對原美國西屋公司設計而由美國西屋或日本三菱重工製造之汽輪發電機(如大林、協和、核一、核二諸機組及興達一、二者)而言，其高中壓汽機轉子在中間DUMMY段甚為突出[DUMMY段之直徑較軸徑大很多]，且衝擊段上下游連接軸身交界處之邊腳槽溝應力集中效應甚明顯，並不適合用SAFER程式來分析其疲勞與潛變壽命消耗，理由是SAFER程式只容許做單邊汽機分析(如單獨HP ROTOR或單獨IP ROTOR)且其Finite Element網格細度受3000節點限制，無法分析到西屋-三菱高中壓汽機轉子之中段DUMMY部位及其周圍之應力變化，偏偏此中段部位又是該種高中壓汽機轉子之疲勞與潛變壽命消耗最嚴重之位置。
d. 上述西屋-三菱高中壓汽機轉子之疲勞與潛變壽命消耗分析須採用ABAQUS或ANSYS等商用軟體做整支轉子之分析，或僅針對中段DUMMY部位及其周圍進行CYCLE LIFE EXPENDITURE (CLE)分析(可參考GE公司做法)。
肆、赴迴轉機振動專業之「前鋒科技公司」研習概要




(公務內容之二)
4.1 本所力學領域刻正推動「虛擬汽機轉子軸承系統之程式開發與實測驗證」研究計畫，此次出國訪問前鋒工程科技公司，曾就迴轉機振動之模擬技術深入溝通研討，對本力學領域之未來發展很有幫助。

4.2 訪問過程中，較深層次之學理探討與計算法研究研討主題如下： 
a. 最佳化及參數鑑定技術之精進：如何將上述軸頸支撐勁度（Journal Support Stiffness）分解成軸承勁及支座勁度，充分利用轉子加減速（穿越共振速度）及負載、進汽方式變換…等過程中之振動變化資訊，作為最適化參數鑑定之依據。另外，由各運轉狀態下之軸承靜動態(DC offset及勁度)特徵反推軸承負荷及軸頸對心高程。

b. 各軸承穩定運轉之條件探討，包括：自位式及橢圓式軸承發生不穩定運轉之臨閾條件（Threshold Condition）如油漩(Oil-whirl )、軸承墊(Tilt Pad)之旋轉顫振(Flutter)……等。

c. 汽輪發電機之汽封(Seal)行為研究與模擬，探討如何併入本案程式以強化其功能。

d. 軸承座（Pedestals）與鋼筋混凝土基礎(RC Foundation)之行為研究、試驗解讀與程式模擬。

e. 針對發電廠汽輪發電機轉軸振動如何運用數值模擬程式(含參數鑑別)於現場問題的故障診斷(rotor-model based diagnosis system)，進行文獻整理及概念性設計，提出設計建議。

f. 汽輪發電機轉軸系統振動分析與診斷相關之阻尼分類及影響程度探討，如何併入本案程式以強化其功能。

g. 協助規劃建立本所Bearing/Seal 實驗室，進行液動軸承(Tilt-Pad Type and Elliptical Type Hydro-dynamic Bearings)之實體全尺寸試驗以量測軸承靜動態性能及穩定運轉之範圍。

4.3 虛擬轉子系統程式軟體的成敗關鍵有三：一為系統參數群的正確選擇及各類參數值之精確鑑定，二為能搭建出足夠逼近於實際系統在各種情境下靜、動態行為之數學模型及電腦程式，三為精確強健、快速靈活且生動易懂易操作、多樣多層次的介面功能（含Graphic Display、 Animation、 Preprocessor、 Postprocessor ….等人機介面，及該程式與Data Acquisition Signal Processing …等互動的儀測介面）。本案之推動以台電火力廠500MW及550MW各一汽輪發電機組為模擬對象，搭配現場實際問題(如平衡法、軸承高程對心、初始軸彎、軸承性能變化、部分弧進汽、共振轉速變化、流漩…等)予以解決，計畫進行期間須與台電方面密切配合討論細節，以達到全案的宏觀調控、高效實用及電廠滿意等之高規格要求。
4.4虛擬轉子案程式功能分三階段發展，須完成之工作內容規劃如下：   

(1) 第一階段：

a. 將台電現有轉子動力分析軟體（含Fortran Source 及GUI Source Codes）予以充分解讀、提出程式邏輯之主架構流程圖、編譯Compile成可執行檔、進行必要修改使之更合台電使用；本計畫進行期間所建立之MATLAB轉子軸承系統程式，將逐步取代並超越原Fortran程式之功能。原程式GUI部分，將引用於本計畫MATLAB程式初期搭配前後處理及展示之用，本計畫將須予以逐步擴充其功能以符合現場及研究單位之需求。

b. 依據台電提供500MW及 550MW汽輪發電機之轉子、軸承….等幾何數據進行初步檢驗，再利用通用有限元素軟體（General Purpose FEA Program如IDEAS搭配ABAQUS）依據”等值彈性體應變能”之概念推算各葉盤體(discs)之扭矩有效勁度直徑及彎曲有效勁度直徑(Effective Stiffness Diameters)，最後再與台電提供之各軸段(Rotor Segments)現場模態試驗量得之自然頻率值比對證其正確性。

c. 以通用有限元素軟體進行各軸段在重力作用下，且以兩軸承支撐之自然變形量，並據以算出“軸頸高程的理想懸垂線（Ideal Sag-line Curve for Bearing- Journal Elevations）”，或簡稱為”理想軸頸對心線（Journal Alignment Curve）及其對應之軸承負荷值與“對心影響係數(Influence Coefficient Matrix by Unit Elevation Method) ”以探討因對心失誤所導致軸承負荷的增減量。

d. 以通用有限元素軟體推算在“零轉速及理想軸頸對心”狀態下之靜態平衡條件（Static Equilibrium），包含全軸之變形曲線圖(Deflection Curve)、彎矩分布曲線圖(Bending Moment Curve)及剪力分布曲線圖(Shear Force Curve)。

e. 以通用有限元素軟體推算全軸系之扭轉振動自然頻率值，並與台電提供實測值進行比對驗證，以確認所採軸系幾何、材料…等數據之正確可靠。

f. 以通用有限元素軟體及新建Matlab軟體進行零轉速及額定轉速下，不同軸頸支撐勁度變化下之”自然頻率VS支撐勁度曲線圖”；再利用汽機廠家提供之“理想軸頸對心之前提狀態下”全軸系側向振動自然頻率值，來反推各軸段之軸頸支撐勁度(Journal Support Stiffness )值。

g. 同f，但改以電廠實測之“全軸系加速過程中之各共振速度”對應之共振頻率及阻尼比，來反推各軸段之軸頸支撐勁度。

h. 依據f所得軸頸支撐勁度，計算在零轉速、額定轉速及所有加速過程中所穿越之共振轉速狀況下之不平衡力、初始軸彎對應力、及部分弧進汽對應彎矩等三種外力之振動反應響係數矩陣Influence Matrix for Vibration Responses）。

i. 同h，但改以g條件來推算諸影響係數。

j. 依據現場實測低轉速Slow Rolling狀況下之各軸承振動反應，配合a7及i所推得之初始軸彎對應立之影響係數矩陣”來反推“初始軸彎之對應力”向量。

k. 依據現場實測在額定轉速及各加速過程中穿越之共振轉速時之振動反應，扣除j中“初始軸彎之對應力”所引致在各轉速之振動反應（得到純由不平衡所引致之振動反應），再利用各轉速之不平衡力振動影響係數來判斷及反推各轉速下不平衡向量。

l. 選擇電廠現有振動問題之較急迫者一至二項，配合程式發展進度來處理以滿足電廠顧客之急迫性需求。

(2)　 第二階段： 

a. 建立可任意選擇一、二、三、四個或所有平衡修正面來改善不平衡振動（含額定轉速及各共振轉速下）之個別最佳化平衡修正建議量，並預測其對所有軸承振動之影響，及其各別平衡面選擇法對所有軸承及所有上述轉速下振動量影響係數之敏感度(Sensitivity)特徵（以避免因些微之配重偏差導致振動不降反增）。平衡修正結果，不但要使原來振動較大軸承之振動量明顯地降低，且不應使其餘軸承之振動量超過原測之振動量水準。

b. 建立精確可信之軸承特性表(Bearing Table)可反應不同軸承負荷力向量、滑油黏度及轉速狀態下之軸承靜動態力學特徵。針對實測之各軸承幾何及潤滑油特性，須比較不同計算法來源(如Feature/Cojour, ARMD, Someya table, RSR, Short Bearing, …. 等)取得最佳交集的組合數據，以確保Bearing Table之正確可靠。

c. 依據台電提供現場各軸承支座（Pedestal）之Mobility Test結果反推得之各支座勁度、質量特徵，再依據b之軸承特性表來反推全軸系及軸承在額定轉速及各共振轉速之靜力平衡狀態（根據台電提供之軸承中心高程分布曲線，利用彈性軸與非線性軸承間之力平衡條件，以迭代法取得靜平衡時之軸頸偏心距、勢角及對垂直面之傾斜角）。

d. 同c項但改以額轉速下及各加速過程中穿越共振轉速時之實測振動反應及大修過程中測量軸承支座之Mobility Test結果，來反推全軸系及軸承在額定轉速及各共振轉速之靜力平衡狀態（包括軸頸中心相等對於軸承中心之偏心距離及勢角，與軸承負荷）並反推上速各轉速狀態下之軸頸對心線（Journal Alignment Curve）及各種轉運狀態間各軸承頸高程之相對差值。

e. 驗證Matlab轉子軸承程式之非等向性（non-isotropic）分析功能，具備搭配電廠機組軸承處V型雙Probe式振動量測規之信號處理能力，其軸頸中心之運動軸跡應為橢圓形，但軸頸中心相對於軸承中心之靜平衡偏心距離及勢角均可藉雙Probe之DC offset反推求得。

f. Matlab轉子軸程式需能處理實際轉子之振動量規座向及Key-phasor Sensor座向，與Global座標（垂直向上為Y軸，軸向自機頭向機尾方向為Z軸，並依循右手定則決定X軸）間之座標轉換能力，轉動方向循主軸順時針或反時針旋轉需符合機組實際狀況。

g. Matlab轉子軸承程式須具可選擇性關閉 eq \o\ac(○,1)軸之減力變形效應（由Timoshenko Beam轉成Euler Beam）。 eq \o\ac(○,2)非等向性（non-isotropy）功能（由橢圓軌跡轉為正圓軌跡，並以垂直軸Y方向之振動為分析標準）。 eq \o\ac(○,3)會產生非對稱矩陣之各類效應如剛性盤之陀轉效應、液動式軸承勁度及阻尼之Cross Coupling效應…等，及 eq \o\ac(○,4)所有轉速相關之效應（Speed Dependent Effects），以方便Matlab程式之分析結果可與通用有限元素軟體（如IDEAS-ABAQUS）及台電原有轉子分析軟體或其他套裝轉子軟體（如ARMD, Feature/Cojour, RSR, STI-RDA,…等）相互比對驗證。

h. Matlab轉子軸承程式須具備分析“主蒸汽控制閥桿試驗(Valve Stem Test)”過程中各軸承部位振動變化之能力，其中蒸汽流變動所產生對高中壓汽機軸體的”彎矩vs時間歷程”將由台電提供。

i. 機組轉子軸程系統Oil Whirl之探討，含各別軸承發生Oil Whirl之條件及全系統加速過程中Whirl Threshold Speed之推測。

j. 同第一階段第l項，但問題可以不同，儘量依照程式發展之進度，使之適用於電廠顧客所提出急迫性需求之處理。

(3)　 第三階段：

延續前述第一階段a~l，第二階段a~j等研究成果，本階段之工作內容改以建立完整參數庫、Matlab程式之精調(fine-tuning)及其驗證、展示及介面功能之強化、與DAS／遙傳系統間之搭配互動，及現場安裝試用等。

本計畫要求介面功能（含Graphic Display、 Animation、 Preprocessor、 Postprocessor ….等人機介面，及該程式與Data Acquisition Signal Processing …等互動的儀測介面）至少須包括：

Orbit Display

Water-fall display

1x/2x Vibration distributions actually measured at all speeds(rated and resonant)

3d rotor whirling display with animation

bearing elevation

bearing reaction force

mode shapes animation

un-balance distribution

initial bow responses and equivalent forces

…
4.5 研討參與人雙方均認為ABB公司的大型汽輪發電機轉子動力設計程序，很值得做本公司發展虛擬轉子之參考借鏡，詳閱參考資料如附及圖1。

圖1  汽輪發電機轉軸系統之轉子、軸承、支撐結構及基礎示意圖

伍、結語

1. 此次出國研習十二日，針對本所力學領域刻正推動中之「汽機轉子動態應力及構材壽命之評估與監測」與「虛擬汽機轉子軸承系統之程式開發與實測驗證」兩個研究計畫，不論對現行作法之改進或未來更進一步之工作規劃，均感收穫豐碩。特別要感謝「結構完好性評鑑公司」郭安宇博士及前鋒工程科技公司傅忠申博士的安排、討論與提供資料。

2. 經與「結構完好性評鑑公司」經驗交流，將研討結果寫成「汽機轉子動態應力及構材壽命之評估與監測」之工作內容規劃書如第三章所示，可為下一階段之執行依據(建議之一)。
3. 本所力學領域刻正推動「虛擬汽機轉子軸承系統之程式開發與實測驗證」研究計畫，此次出國訪問前鋒工程科技公司，曾就迴轉機振動之模擬技術深入溝通研討，對本力學領域之未來發展很有幫助。下一期之虛擬轉子案程式功能分三階段發展，其工作內容規劃草案如第四章所示(建議之二)。
4. 研習其汽機熱應力、及破裂力學評估技術，頗有心得，尤其針對火力電廠高、中壓轉子在起動、降載過程中之低週次疲勞計算法及長時間高溫運轉之潛變量及應力鬆弛量評估法之先進技術；未來可將現有汽機評估範圍予以擴大，以涵蓋熱應力之暫態變化及預估高溫潛變量，提昇本所之力學層面隊電廠之技術服務能力。

5. 經與國外專業人員共同探討虛擬實境之轉子動力學模擬技術及如何與量測信號處理技術結合。此等技術，對核二廠已更換之新汽機轉子(由SIEMENS得標)之驗收及後續大修試驗可提供迅速有效之服務。
參考資料：

1. 核一廠汽輪發電機轉子之扭轉振動自然頻率量測系統之建立完成報告，台灣電力股份有限公司九十年度研究專題計畫531-2305-01，研究人員：蒯光陸、陳瑞麒、唐文元

2. Handbook of Rotor-dynamics, ed. by Fredric F. Ehrich 1992, McGraw-Hill, Inc.
3. Torsional Test Procedure --LP-Rotor Replacement for Taiwan Power Company, Chin Shan Nuclear Power Station Units 1&2 by J.Huster, KWBS HTGE-SA-0490 rev.A 99-03-14
4. Torsional Test --LP-Rotor Replacement for Taiwan Power Company, Chin Shan Nuclear Power Station Units 2 by J.Huster, KWBS HTGE-53-026 B  99-06-10
5. Torsional Test --LP-Rotor Replacement for Taiwan Power Company, Chin Shan Nuclear Power Station Unit 1 by J.Huster, KWBS HTGE-53-072 B  99-11-29
6. letter CHIN 095 by Manfred Mattern 98-09-08(reply to TPC/PRI Mr.Kwang-Lu Koai's questions)

7. Torsional Vibrations in Turbo-generators due to Disturbances, by P. Schwibinger, R. Nordmann, et. al., Session on Rotating Machinery Dynamics at the 11th Biennial ASME Design Engineering Division Conference on Vibration and Noise, 27-30 Sep,1987, Boston, Massachusetts.

8. Lateral Vibration Test-- LP-Rotor Replacement for Taiwan Power Company, Chin Shan Nuclear Power Station Units 2 by J.Huster, KWBS HTGE-53-034 99-07-27
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ABSTRACT

Smooth running of the equipment of power generating units is of major importance for the availability of the whole power plant and is a1so extremely important for the safety of power plant personnel and equipment.  In addition, a smoothly running machine enables efficient monitoring of the vibrational behaviour of the turbine generator through observations of amplitude changes and phase position. This type of monitoring has prevented severe failures in some cases.

The present paper discusses a modern design procedure for the comp1ex systems of 1arge turbine generators. Computer codes, together with experience gained through operating machines and experimentally determined dynamic properties of complex components such as bearings, bearing pedesta1s, and foundations are discussed.

1. INTRODUCTION

(Page 5-2 of the original document)

Since the beginning of the production of rotating machinery, and especially turbine generators, the running smoothness has been a major cause of consideration among manufacturers and operators of such equipment (1).

The continuous development towards lower heat rate of power plants has resulted in today’s type of large multi-cylinder turbine generators on low tuned concrete or in some cases even steel foundations.

The tremendous increase in unit size, Fig. 1, was a pretentious challenge to the designers of power plant equipment and could only be mastered through very intensive development work coupled with feed back from the running machine.

-----------------------------(Fig. 1)
The evolution from small single cylinder machines on high tuned foundations to the modern large multi cylinder machines on low tuned foundations has only been possible through the simultaneous development of methods for the calculation of the dynamic behaviour of the whole Rotor –  Journal-Bearing  –  Bearing-Pedestal  –  Foundation system, see Fig. 2.  This should be coupled with the experimental verification of the modeling of all sub-system
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-----------------------------(Fig. 2)

The present paper discusses a modern design procedure implemented in an industrial environment for dynamic 1ay-out of large Rotor  –  Bearing - Pedestal  – Foundation systems. The paper a1so discusses modeling techniques of the various components and how the models employed are verified by experimental means.
2. REQUIREMENTS FOR THE DYNAMIC LAYOUT OF TURBINE GENERATORS

The smooth running of a 1arge turbine generator is endangered through
- synchronous vibrations due to unba1ance,

- double frequency vibrations

- and instability.

In addition, excitation of torsional vibrations and transient torques occurring as a result of electrical disturbances may a1so endanger the turbine generator.
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An improper dynamic layout will result primarily in great vibrational sensitivity to small changes in the state of balance.  This will lead to high vibration levels with resulting dynamic loading on the bearings, bearing pedestals, and foundation bolts and also with a resulting increase in the alternating bending stresses of the shafts themselves, which must be limited to assure safe operation of the turbine generator.  In addition, the operational availability of a turbine generator is strongly dependent on the proper dynamic layout.  This is simply because a machine insensitive to unbalance will have less forced outages necessary for re-balancing.  Furthermore, for monitoring purposes, a correlation between the major changes in the vibrational behaviour and the stiffness distribution of the shafts, e.g. cracks and/or changes in the mass distribution of the shafts (loss of blade), can only be established for a turbine generator with a stable running behaviour. 

Therefore, the following requirements on the dynamic layout procedure can be formulated:

- Accurate prediction of all natural flexural frequencies of the coupled shaft up to 10% above twice the normal speed.

- Accurate prediction of all torsional natural frequencies of the oil whip, coupled shaft system up to 10 % above twice the norminal speed.

- Prediction of the stability of the system endangered by steam-whirl, and structural hysteresis.


- Prediction of shaft and bearing vibration amplitudes at nominal speed and at natural frequencies for a given unbalance.


- Prediction of rotating bearing force for given unbalances at nominal speed and at natural frequencies.


- Prediction of transient torque response of the shaft system for prescribed electrical disturbances.

How those requirements are fulfilled will be discussed in the following sections.
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3. STANDARD DYNAMIC DESIGN PROCEDURE

In this section the design procedure developed and used during the last decade wi11 be discussed in more detail. The procedure to be mentioned has been employed as a standard design too1 for all large turbine generators designed by the authors’ company and has 1ed to a continuous improvement in the fie1d performance of the turbine generators.

In Fig.3 the different steps of the dynamic1ayout procedure are presented in the form of a flow diagram. In the fo11owing, some of the steps wi11 be discussed in more detail.
3-1 SHAFT ALIGNMENT AND BEARING LOADS

All shafts are coupled to form a mode1of the who1e shaft system under consideration. With this model the bending line and the static bearing forces are ca1culated.  Fig.4 shows an example of the calcu1ated deflection1ine of a typica1 500MW turbine generator. The code emp1oyed gives the necessary vertical bearing pedesta1 displacements in order to achieve no bending moment at the coupling positions. It should be mentioned that our usual design is with only one bearing between the different cylinders.
-----------------------------(Fig. 3)

-----------------------------(Fig. 4)
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3-2 NATURAL FREQUENCIES OF SHAFT SYSTEM

An important step in the layout procedure is the calculation of the natural frequencies of the system of coupled shafts for a prescribed number of assumed stiffnesses of the supporting structure.  The results are typically represented in diagrams where speed versus flexibility (calculated as the inverse va1ue of the stiffness of the supporting structure) is plotted [see Fig. 5].
· STIFFNESS OF THE SUPPORTING STRUCTURE

In order to estimate the critica1 speed of the shaft system, the stiffness of the supporting structure has to be calculated.  Decisive for the resulting stiffness are the stiffness properties of the oi1 f i1m, bearing pedestal, support structure for the bearing pedestals and finally even the foundation. How the stiffnesses are determined will be discussed in later section.

-----------------------------(Fig. 5)
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· DETERMINATION OF NATURAL FREQUENCIES

With the flexibilities resulting from the different speeds, the natural frequencies can now be determined with acceptable accuracy through an iterative approach as shown in Fig. 5.  An iterative approach is necessary due to the speed dependency of the stiffnesses.

· ADMISSIBLE NATURAL FREQUENCIES

For the judgment of the critical speeds, rules of thumb established during many years of manufacture and operation of generators are employed.  According to these rules, a speed ranges, free from natural frequencies around the nominal and twice the nominal speed, is required.  The magnitudes of these speed ranges are dependent on the modal shape corresponding to the natural frequency under consideration.  If a natural speed lies within the speed range, the stiffness and/or mass distribution of the shaft which have the highest amplitude of the modal shape corresponding to the natural frequency is corrected.

3-3 TORSIONAL NATURAL FREQUENCIES 

The calculation of the torsional frequencies is performed with a lumped mass model, where the modeling technique is refines through systematic comparison between measurements and calculations. Measurements have been performed on quite a number of medium to large size nuclear and fossil turbine generators during load rejection and even short circuit tests (2), (3).  Table 1 shows measured and calculated natural torsional frequencies of a 3000 r/min nuclear 470 MW unit.

· ADMISSIBLE TORSIONAL NATURAL FREOUENCIES

Simi1ar to the flexural natural frequencies, there exists forbidden speed ranges even for the torsional natural frequencies around the nominal and twice the nominaI speed.
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3-4 TRANSIENT TORQUE RESPONSE
For the ca1culation of the transient torque response of the shaft system to electrica1 disturbances the model of the shaft system is coup1ed to a model of the e1ectrical side of the generator and the electrical grid (4). The transient torque response is ca1culated for some prescribed types of typica1 e1ectrica1 disturbances which may occur a number of times during the life-time of the turbine generator. 
· ADMISSIBLE TRANSIENT TOROUE
It must be assured that the turbine generator can withstand a number of prescribed e1ectrical disturbances without significant distortion of the shaft system and without crack initiation at shaft 1ocations with stress concentrations (5). 

3-5 UNBALANCE SHAFT RESPONSE

Real shafts have residual unbalances which are distributed continuously, or as individua1unba1ances of varying magnitude and ang1e position a1ong the shaft axis. The size of the residual unba1ance at the time of the delivery is limited by the quality contro1 for the ba1ancing of turbine rotors to a prescribed eccentricity. The actua1 distribution of the residual unba1ances is unknown .

-----------------------------(Fig. 6)
For this reason, so-ca1led unbalance calculations are carried out as a further evaluation criterion of the running smoothness. For these calculation the model shown in Fig.6 is used. By repeated settings of a fictitious overal1 unba1ance, per Fig.7, to the extent of the doub1e warranty unbalance using varying distributions, a11 natural frequencies are successive1y excited.

The location of the amp1itude peak according to Fig.8 characterizes the natural frequency; the height and the type of the amplitude is a measure of the unbalance sensitivity.
-----------------------------(Fig. 7)

-----------------------------(Fig. 8)
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· ADMISSIBLE SHAFT VIBRATION AMPL ITUDE AT NOMINAL SPEED

Decisive of the running behaviour are the vibration amplitudes at nominal speed. The amplitudes at nominal speed are normal1y sma11 provided that the natura1 frequencies are sufficient away from the nominal speed. This condition alone, however, is not sufficient. It must further be assured that the damping ability of the system is high enough to limit the vibration amplitude at nominal speed to limited values based on experience. If the ca1cu1ated vibrationa1 amplitudes are higher than the limited va1ues the stiffness and/or mass-distribution of the shaft system have to be changed. Another possibility is to change the bearing arrangement or to change bearing types.

· ADMISSIBLE PEDESTAL VIBRATIONS AT NOMINAL SPEED

The bearing pedesta1vibrations wi11 1ead to fatigue load on foundation bolts and on 1ube oil connections and therefore have to be kept under control.
3-6 STABILITY-THRESHOLD PREDICTION

The stability of the vibrational behaviour of shaft system is endangered through the fo11owing phenomena  [6]:

F1uid fi1m bearing whir1 (  & oil whip)

Shroud and sea1 fluid whirl(“steam whirl")
Structura1 hysteresis whirl

As a part of the dynamic layout procedure it must be assured that no eigen value tends to become instab1e,see Fi g.9, at every posstb1e operation condition.

· STABILITY

The stability proof can be easi1y performed if similar machines are in operation.  In such cases new stabi1ity ca1cu1ations are not necessary. For large units of new design with higher specific output or f1exible shafts, it must be proven by calcu1ation that the stability thresho1d will not be reached.  If the stabi1ity threshold is exceeded, the shaft has to be redesigned or the bearing arrangement or bearing type has to be changed.
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-----------------------------(Fig. 9)

4.  MODELING AND VERIFICATION TECHNIQUES

For the design procedure shown above it is necessary to have sophisticated computer codes to calculate the different topics. However, assuming the codes working as faultless, the results of the calculations are only as good as the input data. The faultless working of the computer codes can be checked by comparing simplified test model calculations with analytically known resu1ts.  The input data, i.e. the data of the mode1 representing the rea1 machine, should be verified through measurements.
4-1 ROTORS

The most important influence on the natural frequencies of a rotor-bearing foundation system is by the mass and stiffness distribution of the rotor. The rotor is mode11ed by e1ements of constant mass and stiffness a1ong the axis as shown, for example, in Fig.10. For the calculation of the natura1 frequencies a lumped mass model with concentrated masses at the left sides of the elements is used. The calculations of unbalance response and stabi11ty are carried out with a finite element code including sub-structuring technique.  The substructures are condensed by static reduction (7).

-----------------------------(Fig. 10)
Fig.10.Modeling of a half speed LP turbine rotor

In order to assess the modeling of the rotors, the authors' company measures the oscillations of free-free rotors and compares the measured frequencies with calcu1ated values. The resu1ts of such an examination are shown in Table 2. With the origina1 model1ing, the calculations resulted in great differences between the 1umped mass and the finite element codes because of the coarse sub-division of the shaft at the bearing and sealing part. The reduction of the e1ement length on1y inf1uences the results of the 1umped mass mode1, whi1e the finite element code remains unchanged. The correspondence of the two calcu1ations was now satisfying. Nevertheless, the abso1ute va1ues of the frequencies were too high. This was caused by the assumptions concerning the stiffness of the tapered parts of the rotor. A correction of the outer diameter for stiffness in these parts resulted in a very good agreement between the ca1cu1ation and measured frequencies.
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Table 2

4-2 JOURNAL BEARINGS

For the unbalance response and stability calcu1ations, the bearing oil film is represented by four stiffness and four damping coefficients. There is an immense amount of research being done to evaluate these coefficients. The authors’ company primari1y uses measured values obtained by Glienicke (8), (9) for the bearing geometries used. In recent years, several computer codes were developed for the ca1cu1ation of the oi1 fi1m properties. Up to now, most of the influencing parameters such as geometry, temperature dependency of oil viscosity, inertia forces and turbulent f1ow were taken into consideration; but some problems such as metal temperatures, thermal deformations of the pads or shells and hot oi1 carry over stil1 remain unso1ved. Several modern computer codes for the calculation of the properties of journal bearings (10), (11), (12) were investigated with the conclusion that, for rotor dynamics, the measured values, up to now, seem to be the most re1iab1e. This is because of the above mentioned, as of yet, unso1ved prob1ems.
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An additiona1 method to determine the stiffness and damping coefficients of fu11 scale bearings by vibration measurements in the over-speed rig or at the power plant has been developed at the authors’ company. Assuming that the rotor itself is theoretically well known, one can calculate the bearing forces from the measured vibrations. The computational ingredients are unba1ance response calcu1ations for a free-free rotor and, as a rule, solution of an over-determinate system of equations, provided that there are more locations of measurements than there are bearings.

From the bearing forces and the measured motion of the shaft inside the bearings, the bearing coefficients can be evaluated. For eight coefficients there shou1d be at least two runs with different unbalance distribution. For more runs, the solution of an over-determinated system of equations with an equa1ization of inaccuracies of the measurements is possible.
4-3 PEDESTALS AND FOUNDATIONS

The dynamic properties of the pedestals and foundations influence the vibrational behaviour of the shaft. The elasticity of the bearing support first influences the natura1 frequencies and secondly influences the damping capability of the oil film and, through this, the amplitudes of unba1ance forced vibrations.

Besides this, there can also be 1arge undesirab1e vibrations of the pedesta1s if natural frequency of the support is near the single or doub1e running speed. Excitation of vibrat1ons with twice the running speed is possible by generator rotors with anisotropic latera1stiffness.

The pre-calculation of the dynamic properties of pedesta1s mounted on foundations 1ags in the know1edge of the e1asticity of the connection of the pedestals to the foundation .Up to now, for vibration calculations, the bearing support is modeled as a simple spring-mass-system and, if the occasion arises, with damping. The data of the mass and spring were based on estimates and experience. In default of knowledge, the damping is, for t he most part, set at zero.

With a new calculation method established, it is now possible to take into account the pedestals and the foundation using dynamic stiffnesses at the bearing locations (13), These stiffnesses can be evaluated by inversion from measured or calculated dynamic f1exibi1ities.

A direct measurement of the dynamic flexibility at the bearing locations of a large turboset using the method of transfer functions would be the best way.  For realistic values, however there tests should be carried out with the machine fully assembled but without the rotors in place.  Normally such a state of assembly will not be possible.

However, a realistic calculation of the dynamic flexibility of large foundations, including the bearing pedestals, is possible, provided that an adequate model of the foundation and the pedestals is available.  The representation of foundations by finite elements is both possible and common today. However, the modeling of the pedestals and their attachment to the foundation is almost impossible. In order to get experimentally verified data for the flexibility of these pasts, we performed flexibility measurements on turbine and generator pedestals by means of transfer functions and modal analysis.

-----------------------------(Fig. 11)

Fig. 11 shows a bearing pedestal of a large full speed 1000 MW turboset with the hydraulic exciter attached to a short journal that is fixed in the bearing middle. For a symmetric excitation there are hydraulic exciters on both ends of the journal. To get overall information about the movement, or respectively, the flexibility of the different parts, acceleration pick-ups for forming the transfer function were mounted at about 20 points.

(Page 5-17)
In Fig.12 the vertical flexibility of the pedestal and the foundation is shown as a function of the exciting frequency.  In the upper part, the phase angle between exciting force and movement is given. It becomes clear that for the lower frequency range the vertical flexibility of the bearing support is determined by the dynamic properties of the foundation, or respective1y, the cross-bar. The pedesta1and its attachments can be considered stiff in this range. For higher frequencies, there is more and more relative movement between pedesta1 and foundation, until a significant natural frequency of the pedestal appears.
-----------------------------(Fig. 12)

-----------------------------(Fig. 13)
The motion of the pedestal at this frequency is shown in Fig. 13.  There is hardly any motion of the foundation itself.  The maximum relative movement appears in the attachment whereby deformation of the comparatively stiff pedestal can also be seen.
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For the horizontal direction, the measured f1exibilities are shown in Fig. 14.  In the case of horizonta1 excitation, the movements have to be registered in the horizontal and vertica1 direction due to possib1e tilting motions of the pedestal. There are no significant horizontal natural frequencies of the foundation, or respective1y, the cross bar, but a prominent natural frequency of the pedestal itself. The motion of the pedestal at this frequency is shown in Fig. 15.

-----------------------------(Fig. 14)

-----------------------------(Fig. 15)

With the performed measurements, we are able to specify experimentally verified models for the bearing support 0f 1arge turbosets. The modeling of the pedesta1 and its attachment as a finite e1ement situated on a foundation, which is also represented by finite e1ements, can be done on the basis of the appropriate f1exibility which can be eva1uated by subtraction, taking into consideration amplitudes and phase angles, of the foundation flexibility from the support flexibility.
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-----------------------------(Fig. 16)
This is done in Fig.16 for the vertica1 direction and in Fig.17 for the horizonta1 direction. These dynamic f1exibilities can be approximated by the dynamic flexibility of a damped spring-mass-system. These curves are given in dotted lines in the Fig.16 and 17. The data of the finite element representing the pedesta1 and its attachment is given by the static f1exibility, the natura1 frequency, and the damping va1ue.
-----------------------------(Fig. 17)
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In addition, the measurements give information about the possibi11ties and data of a simplified model of the bearing support, i.e. pedestal and foundation together. Therefore, an approach of a simple spring-mass-system could be fitted to the curves of the total e1asticity of Fig.12 and l4. It is to be recognized , however ,that for the vertical direction this approach wi11 not give an adequate approximation. This is because of the great deviations of the fIexibility in the lower frequency range caused by the natural frequencies of the foundation, or respectively, the cross-bar. Therefore, for rea1istic ca1culations of the vibrational behaviour of large turbosets, the dynamic properties of the foundation had to be duely taken into account, e.g. .by means of the computer code described above(13).
6. CONCLUSIONS
Rotor-bearing-pedestal-foundation systems can be represented by mathematical model which enable accurate predictions of the dynamic behaviour to be made.  The ana1ytica1 methods are used as part of a rationa1 design process to prove that the vibrational behaviour of the system will be satisfactory in service.

As the results of the sophisticated ca1culations are only as good as the input data , it is necessary to assess the dynamic properties of the different sub-systems, such as rotors, journal bearings, pedesta1s and foundations, by measurements. These measurements show e.g. that, besides the oil film, the dynamic flexibility of the pedestals, their attachment to the foundation and of the foundation itself can not be neglected in the determination of the tota1 bearing flexibility. In many cases, however, the dynamic properties of these comp1icated parts can be approximated by simple one mass spring systems, the data of which can be extracted from the measurements.
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